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Abstract 
 

The strength study of the flywheel is important to the flywheel energy storage. The motor and bearing are the key challenges for the 

high-speed flywheel spin test device in vacuum. By using a small stiffness pivot-jewel bearing and a spring squeeze film damper as the 

lower support of the flywheel, a simple spin system was designed at a low cost and is suitable for longtime operation. The auxiliary sup-

port at the top was not removed until the flywheel passed the first critical speed. The flywheel that kept its rigid state in sub-critical state 

was tested at the high speed without the top support. The dynamic model of the flywheel-bearing-damper was built by means of the La-

grangian equation to calculate critical speeds, mode shapes and modal damping ratios at different speeds. The lower damper’s effects on 

the modal damping ratios and forced vibration were discussed. The vibrations of the flywheel-bearing-damper system were measured at 

the different damping coefficients in the experiment. When the lower damper was adjusted to be overdamped, the flywheel ran up to 

50000 r/min steadily, and the experimental result was in agreement with the theoretical assumption. The sub-critical rotor dynamics de-

sign and pivot-jewel bearing proved to be good solutions to the spin test for the composite flywheel.  
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1. Introduction 

In a flywheel energy storage system, the excess electrical 

energy is stored as kinetic energy of a rotating flywheel rotor 

and is converted to electrical energy when needed. The rise 

and fall of the rotating speed of the flywheel realizes the stor-

age and release of the electrical energy [1, 2], which has high 

energy density, high efficiency and high power density. The 

design life has no degradation during its entire cycle life, 

unlike chemical batteries. Current testing indicates that fly-

wheels are not damaged by repetitive very deep discharge. It 

can be widely applied to space satellites of low earth orbits, 

launch vehicles, uninterruptable power supplies, pulse power 

transfer for hybrid electric vehicles and prevent instantaneous 

voltage change, smoothing wind power output and so on [3-8]. 

The flywheel energy density (kinetic energy stored in per 

flywheel mass) is an important index of evaluating the fly-

wheel structure design. The kinetic energy stored in a flywheel 

is proportional to the square of its speed, which is mostly lim-

ited by the strengths of the materials and structure centrifugal 

stress. To increase the energy density, high strength and 

lightweight composite materials are used for manufacturing 

the flywheel rotor besides optimizing its structure. However, 

the transverse strength of the filament wound flywheel is 

much lower than the hoop one, which makes each ring of the 

rotor separate at rotation easily. Many scholars have done 

extensive work on the strength theory and design of the com-

posite flywheel [9-12]. To improve the energy density, multi-

ring pressfit is developed and proven to be one effective way 

of solving the problem that the radial strength of composite 

flywheel is too low, and the method of tension winding of 

fiber bundle is also used to reduce the radial stress. The finite 

element method is for optimizing the flywheel structure with 

complex shape. However, their investigations are limited to 

theoretical analyses and calculations, and short of spin tests. 

There is little research on the developments and dynamic 

analyses of the high speed spin test system, which is mainly 

because of great difficulty in vacuum technology, motor tech-

nology and bearing technology. The tangential velocity of the 

advanced composite flywheel is at least more than 600 m/s, at 

which the flywheel must be enclosed in a high vacuum to 

reduce friction and energy losses. Centrifugal load generated 

by high speed are also a huge challenge to the technology of a 

driven motor, as the rotating speed of motor is limited by its 

material strength and the performance of heat dissipation of 

stator. The output power of the motor whose rated speed is 

over 40000 r/m is usually about several kilowatts. To test the 

structural fatigue life, the flywheel needs to be in continuous 

operation at high speed, which is over 40000 r/m. The service 

life of conventional bearings is reduced considerably when in 

ultra-high-speed operation, and the friction loss is usually  
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greater than the output power of the motor, which cannot meet 

the requirements of a high speed spin test. The mechanical 

investigations of a composite flywheel are limited to theoreti-

cal analyses and calculations for these reasons above. 

The strength study of the flywheel is an important part for 

the technology of flywheel energy storage. The Electrical 

Research Center at the University of Texas at Austin had per-

formed a composite flywheel burst test. Professor Bakis’s 

research team at Pennsylvania State University used a 70000 

r/m hydraulic turbine to drive a flywheel in the vacuum cham-

ber. The maximum tangential test velocity was 1100 m/s. The 

FESS prototype Ⅱ developed by Flywheel Laboratory at 

Tsinghua University was up to full speed 42000 r/m, corre-

sponding to tangential velocity 660 m/s in many charge-

discharge cycles. However, the turbine-driven spin test has 

low efficiency, high cost, difficulties in adjustable speed and 

disagreement of lasting fatigue strength test. Because the fly-

wheel energy storage system is developed by high cost and 

has complex structure, strength failure of the flywheel can 

destroy the whole system. 

To do the flywheel spin test efficiently, it is necessary to es-

tablish a spin test system which is stable, simple, and easy to 

regulate speed and suitable for longtime operation. For the 

spin test, the flywheel-bearing-damper system generally uses 

the super-critical rotor dynamic design. However, the flywheel 

rotor keeps its rigid state in sub-critical. For the rigid rotor in 

sub-critical operation, the rotor-bearing system does not have 

the second-order critical speed if the flywheel inertia ratio 

Jd/Jp is less than 0.8. The rotor only passes through a first-

order one. The dampers with appropriate parameters enhanced 

the stability of the rotor-bearing system and made the system 

run to rated speed smoothly [13, 14]. 

Based on the dynamics theory of super-critical operation 

above, we designed and established a flywheel spin test sys-

tem (as shown in Fig. 1), which used a small stiffness pivot-

jewel bearing [15, 16] and a spring squeeze film damper as its 

lower support but no upper support. The system has simple 

structure and very low cost. By means of the Lagrangian 

equation, a dynamic model of the vertical flywheel-bearing-

damper was built to calculate critical speeds, mode shapes and 

modal damping ratios at different speeds. The function of the 

lower damper and its effects on the modal damping ratios and 

forced vibration were discussed. The vibrations of the fly-

wheel-bearing-damper system were measured at the different 

damping coefficients in the experiment. The results provide a 

reliable theoretical basis for optimization and improvement of 

the spin test system, and are helpful to develop strength re-

search of a composite flywheel more efficiently. 

 

2. Dynamic model of the spin test system 

2.1 Spin test system and its dynamic simplified model  

Fig. 1 shows a schematic of the flywheel-bearing-damper 

system, which is installed in a high vacuum steel container. 

The flywheel is integrated with the rotor of a disk type motor, 

so that the structure is simple and efficient. Compared with a 

conventional motor, the disk type motor has smaller volume, 

and its stator uses the same cooling system with the lower 

damper. The bottom of the flywheel is supported by a jewel-

bearing with a very flexible small pivot. 

The pivot-jewel bearing is lubricated by vacuum pump oil. 

The section diameter of the pivot is about 2 mm, and the con-

tact area between pivot and jewel bearing is about 1.5 mm
2
, so 

the friction loss is very small, which makes the motor work 

efficiently. The service life of the pivot-jewel bearing is over 

10000 hours in super high vacuum environments. The jewel 

bearing is fixed on the damping body, which connects the 

outer shell by three small stiffness springs. The springs can 

also provide radial stiffness for the damper. The squeeze oil 

film in the damper that provides damping suppresses the vi-

bration of the damping body and ensures that the jewel bear-

ing works well. There is no oil feed cycle system for the pivot-

jewel bearing and the spring squeeze film damper. The fric-

tion heat of the lubricating oil is conducted to the cooling sys-

tem of the disk type motor through the housing of the damper.  

The lower damper, which is a key component of the fly-

wheel-bearing system, is simplified to a spring-oscillator 

model with a single degree of freedom on the basis of its 

working principle. The response of the damper is checked by 

the eddy current sensor under excess excitation. According to 

vibration theory of a single degree of freedom, the equivalent 

mass, the equivalent stiffness and the equivalent damping 

coefficient of the lower damper can be obtained. 

The dynamic model is illustrated in Fig. 2. It should be 

pointed out that the vibration displacements in the x and y 

directions compose the complex vibration displacement of r (r 

= x + iy). 

In linear modeling, the following simplifications are made: 

(1) The lateral vibration is small and considered as linear. (2) 

The flywheel is rigid. (3) The stiffness of boundary oil film in 

the pivot-jewel bearing is much higher than that of the pivot. 

Therefore, the lower end of the pivot is fixed to the jewel bear-

ing. (4) The small pivot with much flexibility and infinitesimal 

mass acts as elastic element connecting the flywheel with 

jewel bearing, so the pivot is equivalent to a spring without  

 
 

Fig. 1. The flywheel-bearing-damper system. 
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mass. (5) The action of the oil in the damper is described by a 

linear stiffness and damping coefficient. The symbols in Fig. 2 

are described in the nomenclature. 

 

2.2 The dynamic equations of the flywheel system 

For the dynamic model shown in Fig. 2, based on La-

grangian method, the kinetic energy function Ti, the potential 

energy function Ui, and the consumed energy function Zi were 

written as follows: 

(1) The spring squeeze film damper 
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(2) The pivot is equivalent to a spring without mass 
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(4) The auxiliary support 
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Therefore, the kinetic energy of the flywheel-bearing-

damper system is 
1 2T T T= + . The potential energy of the 

flywheel-bearing-damper system is 
1 12 3U U U U= + + . The 

consumed energy of the flywheel -bearing-damper system is 

1 2 .Z Z Z= +  By means of the Lagrange equation 

i

i i i i
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− + + =  ∂ ∂ ∂ ∂ ɺ ɺ

, when 0
i

Q = , the free vi-

bration equation of the flywheel-bearing-damper system was 

obtained and written in the matrix form: 
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( ), 1,2,3j j jr x iy j= + = . State vector method can be used to 

solve Eq. (5), whose solution form is  
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Fig. 2. The dynamic model. 
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In which λ  is the mode decaying exponent, 2 fω π=  is 

the mode angular frequency and f  is the modal frequency. 

The modal damping ratio 
λ

ζ
ω

= − , and if 0λ > , the dy-

namic system is stable. The larger ζ  is, the better stability 

the system has. So the modal frequencies, mode shapes and 

modal damping ratios of the flywheel system were obtained 

by solving Eq. (5). In engineering practice, the flywheel rotor 

inevitably exists an unbalance; if the residual unbalance is 

{ } { } 2 i tf u e ωω=  at the flywheel rotor top, the forced vibration 

equation of the flywheel dynamic system is obtained by 

means of the Lagrangian equation:  

 

{ } ( ){ } { } { } 2
.

i t
M r C i H r K r u e

ωω ω+ − + =              ɺɺ ɺ  (8) 

 

The steady state unbalance response was calculated from 

Eq. (8). 

 

3. The dynamic simulation of the flywheel-bearing-

damper system 

Take a flywheel rotor in our laboratory as a research object. 

The parameters and corresponding values of the flywheel 

dynamic system are as follows: 

1m = 0.0197 kg, M = 0.591788 kg, pJ = 5.798e-4 kg·m2
, 

dJ = 4.092e-4 kg·m
2
, l = 66.1 mm, 

1l = 24.993 mm, 

2l = 41.106 mm, 
sl = 26 mm, 

1k = 586.18 N/m, 

1c = 0.2875 N·s/m, 
2k = 5030 N/m; 

3k = 800 N/m, 
3c = 0 

N·s/m. 

 

3.1 Critical speeds 

Fig. 3 shows the mode frequencies of the flywheel dynamic 

system with different speed, also known as the Campbell dia-

gram. In Fig. 3, ‘1F’ and ‘1B’ indicate the first-order forward 

and backward whirl of the flywheel, respectively. ‘LDF’ and 

‘LDB’ indicate the forward and backward whirl of the lower 

damper respectively. ‘2F’ and ‘2B’ indicate the second-order 

forward and backward whirl of the flywheel, respectively.  

From the figure, we can see that the frequencies of the 

modes change over the speed range. The behavior is due to a 

gyroscopic effect that occurs whenever the mode shape has an 

angular component. The first-order and second-order modes 

of the flywheel split into forward and backward modes. The 

forward modes increase in frequency with increasing speed, 

while the backward modes decrease in frequency with in-

creasing speed. How much the mode changes depends on the 

distribution of mass and diametral mass moment of inertial 

and the shape of the corresponding mode shape. In this case, 

the gyroscopic effect mainly affects the second-order modes 

of the flywheel. As rotating speed increases, the gyroscopic 

effect essentially acts like an increasingly stiff spring on the 

flywheel for the second-order forward whirl. For the second-

order backward whirl, the effect is reversed. For the first-order 

modes, the effect is small. It was found that the lower damper 

mode and conical mode of the flywheel rotor exchange for 

each other when in the speed range 80 rps~100 rps. The ex-

change of modes is completed when the rotating speed ex-

ceeds 100 rps (see Section 3.2). Critical speeds occur at the 

peak response speed when the forward whirl frequency is 

equal to the rotating frequency. For the dynamic system as 

shown in Fig. 2, the critical speeds are 7 rps (1
st
 mode) and 69 

rps (lower damper mode). It was found that the flexible pivot 

greatly decreases the critical speeds. There will be no critical 

speed when the flywheel passes the two critical speeds. 

 

3.2 Mode shapes 

The mode shapes when the flywheel passes critical speeds 

are as shown in Fig. 4(a) and Fig. 4(b), respectively. Three 

hollow dots from top to bottom of the two figures represent 

coordinates of the flywheel rotor top, the flywheel rotor bot-

tom and the lower damper, respectively.  

 
 

Fig. 3. Mode frequencies of the flywheel rotor dynamic system. 

 

 

    1st-order      2nd-order    lower damper 

(a) Rotating speed: 7 rps 

 

 

    1st-order      2nd-order    lower damper 

(b) Rotating speed: 69 rps 
 

Fig. 4. Mode shapes of the flywheel dynamic system. 
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It can be seen from Figs. 3 and 4 that the lower damper 

mode and the second-order mode of the flywheel rotor will 

exchange for each other when the mode frequency of forward 

whirl of the conical mode of the flywheel rotor approaches the 

one of the lower damper with increasing speed. The vibration 

amplitude of the flywheel decreases in the lower damper 

mode and increases in the conical mode, while the vibration 

amplitude of the lower damper decreases in the conical mode. 

It is the zone of dual mode shapes when in the speed range 10 

rps~100 rps. The exchange of modes is completed basically 

when the rotating speed exceeds 100 rps. Fig. 5 plots the mode 

shapes of the flywheel dynamic system when the rotating 

speed is 100 rps. The flywheel passes through the zones of 

cylindrical mode and dual modes in the spin test. Compared 

with conventional bearings, the stiffness of both elastic pivot 

and lower damper is very small, which makes their mode fre-

quencies so close. The exchange of mode shapes occurring in 

a narrow frequency range is a new kind of dynamic character-

istics produced by flexible damping support. 

The speed for spin test is generally over 800 rps, at which 

the mode shapes of the system are as shown in Fig. 6. The 

mode frequency of the conical mode is much higher than 800 

Hz so that it cannot be seen in the spin test. The lower damper 

mode shape still exists as the flywheel is fixed and the damper 

doing the lateral vibration, the first-order mode shape of the 

flywheel is still cylindrical mode. 

 

3.3 Modal damping ratios 

The modal damping ratio as the index to evaluate stability 

of the dynamic system also varies with the speed. Fig. 7 shows 

that the modal damping ratios of the flywheel system varying 

with different speed with and without the auxiliary support.  

As a result of the backward whirl being always stable and 

doesn’t appear in the practice generally, only the characteris-

tics of the forward whirl are discussed. For modes of forward 

whirl, when modal damping ratios are positive, the dynamics 

of the system is stable. The larger the ratio is, the better dy-

namic stability the system has.  

Fig. 7 indicates the ratio of the first-order mode increases 

with increasing speed and exceeds 0.005. The ratio of the 

second-order mode decreases with increasing speed but is still 

positive, and it doesn’t appear in the practice because it’s al-

ways much higher than the rotating speed. The ratio of the 

lower damper mode increases with increasing speed and then 

decreases to 0.013. The auxiliary support mainly affects the 

first-order mode, and has little effect on the second-order 

mode and the lower damper mode. The stability of the first-

order mode is enhanced when the upper support is removed in 

the test. To sum up, the dynamics of the flywheel system 

without the upper support is stable, and has very simple struc-

ture. 

 

3.4 The lower damper parameters’ influence on mode fre-

quencies and modal damping ratios 

For the high-speed composite flywheel that endures large 

centrifugal force, resin minor damages and fiber part breaks 

may produce non-ignorable disturbances and cause rotor-

bearing system that has small modal damping ratios to natural 

whirl modes with low frequencies, which threatens flywheel 

life and structural strength seriously. The parameters of the 

lower damper should be adjusted to increase the modal damp-

ing of the rotor dynamic system and accelerate decaying the 

natural whirl.  

Fig. 8(a) and (b) show the lower damper stiffness’s influ-

ence on mode frequencies and modal damping ratios when the 

test speed is 800 rps. With increasing stiffness of the damper, 

the frequencies of the flywheel first-order mode and the lower 

damper mode increase slightly, which indicates the stiffness 

has a little effect on the pair of frequencies. However, the lar-

ger stiffness decreases the modal damping ratios of the fly-

wheel first-order mode and the lower damper mode greatly. 

Therefore, the larger stiffness makes the stability of the system 

be worse. The smaller stiffness will lead to worse centering of  

 

       1st-order    LD+2nd-order  2nd-order+ LD 
 

Fig. 5. Mode shapes (Rotating speed:100 rps). 

 

 

 1st-order          LD        2nd-order 
 

Fig. 6. Mode shapes (Rotating speed: 800 rps). 

 

 

 
 

Fig. 7. The modal damping ratios of each mode. 
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rotor-bearing system. So the stiffness 500 N/m~2000 N/m is 

too small and not suggested. 

Fig. 9(a) and (b) show the damping’s influence on the mo-

dal frequencies and modal damping ratios when the test speed 

is 800 rps. The mode frequency of the lower damper decreases 

in some degree with increasing damping coefficient, which 

agrees with the basic theory of vibration. The damping coeffi-

cient has no effect on the frequencies of the first-order and 

second-order forward whirl of the flywheel. However, increas-

ing damping coefficient can enhance the stability of the cylin-

drical mode of the flywheel and the lower damper mode effec-

tively. The conical mode that always does not appear is not 

considered. 

 

3.5 The lower damper parameters’ influence on the ampli-

tude-frequency responses of the forced vibration 

In engineering practice, the flywheel rotor inevitably has 

mass unbalance. For the flat-shaped flywheel, most of the 

residual unbalance is at the flywheel rotor top. When the re-

sidual unbalance is 0.1g·cm∠ 0°, the steady state unbalance 

responses can be calculated by Eq. (8), which can be used to 

estimate the vibration condition when the flywheel passes 

through the critical speeds. The eddy current sensors installed 

in the lower damper can measure the forced vibration re-

sponses of the damping body, so only the numerical result of 

the lower damper was presented. For
3k = 800 N/m, 

3c = 0 

N·s/m, amplitude-frequency response of the lower damper 

( 1r ) with different parameters is shown in Fig. 10(a) and (b). 

The larger stiffness increases the second critical speed greatly, 

which makes it difficult to pass the critical speed. The larger 

stiffness also leads to the larger vibration amplitude when 

passing the first critical speed. However, increasing damping 

coefficient can significantly suppress the amplitude of the 

vibration when the flywheel passes the two critical speeds and 

has little effect on the critical speeds of the system. It also can 

be seen the lower damper tends to be overdamped when 

1c > 3 N·s/m. Thus, the rising stiffness of the lower damper 

neither enhances the stability of the flywheel system at high 

speed nor makes the flywheel rotor pass the critical speeds 

stably and easily. On the contrary, the rising damping coeffi-

cient of the lower damper not only enhances the stability of 

the flywheel system at high speed, but also makes the fly-

wheel rotor pass the critical speeds stably and easily. 

 

(a) 

 

 

(b) 
 

Fig. 8. The lower damper stiffness’s influence. 

 

 

(a) 

 

 

(b) 
 

Fig. 9. The damping’s influence. 

 

 

(a) 

 

 

(b) 
 

Fig. 10. Parameters’ influence on |r1|.  
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After the flywheel passes the two critical speeds, the ampli-

tude of the vibration decreases rapidly, about 0.004 mm, 

which is the self-centering effect of super-critical rotor. From 

the above theoretical analysis and discussion, one perfect set 

of rotor dynamics parameters was selected for the high speed 

spin test system. 

 

4. Experimental verification 

The major objectives of the experiments are: (a) to run the 

flywheel to high speed and find the appropriate dynamics 

parameters of the lower damper; (b) to measure the responses 

of the forced vibration of the lower damper; and (c) to verify 

the numerical simulation above.  

We had built the spin test system as shown in Fig. 1 in our 

laboratory. The designed flywheel-bearing-damper system 

was installed in the vacuum chamber. The flywheel was stati-

cally indeterminate. An auxiliary support was needed to put 

on the upper end of the flywheel rotor to provide radial stiff-

ness when its rotating speed rises. The auxiliary support was 

not removed until the flywheel rotor ran stably, and the fly-

wheel would be tested at the high speed without the upper 

support. The sensor was installed at central section of the 

lower damper. The electrical signal by the preamplifier was 

input to the oscilloscope TDK2000. The amplitude-frequency 

curve of the damping body of the lower damper can be ob-

tained by FFT analysis. The disk type motor is able to drive 

the flywheel rotor in continuous operation at the speed 120000 

r/m for thousands of hours. 

The dynamic parameters of the lower damper play an im-

portant role in dynamic stabilization of the flywheel system. 

The equivalent mass of the damper includes the mass of the 

damping body and the inertial of the viscosity of the damping 

substance in the damper. The equivalent damping coefficient 

is determined by the viscosity of the damping medium. The 

equivalent stiffness is determined by the three small stiffness 

springs. Absolute ethyl alcohol, absolute ethyl alcohol mixed 

with a little vacuum oil and vacuum oil were used as the 

damping medium, respectively. The responses of vibration 

were obtained by FFT analysis with the oscilloscope 

TDK2000 after exciting the damping body. Based on vibra-

tion theory of the single degree of freedom, the equivalent 

mass, the equivalent stiffness and the equivalent damping 

coefficient of the lower damper can be obtained. 

When the damping medium was absolute ethyl alcohol, the 

damper was underdamped, the dynamic parameters measured 

were:
1m = 0.0197 kg, 

1k = 586.18 N/m, 
1c = 0.2875 N·s/m. 

When the damping medium was absolute ethyl alcohol mixed 

with a little vacuum oil, the damper was also underdamped. 

The dynamic parameters measured were: 
1m = 0.021 kg, 

1k = 586.18 N/m, 
1c = 0.484 N·s/m. When the damping me-

dium was vacuum oil, the damper was overdamped. In this 

case, 
1minm = 0.021kg. When the single degree of freedom 

had a critical damping, 
1minc = 1min 12 m k = 7.0171 N·s/m. 

Therefore, 
1m >  0.021 kg, 

1c > 7.0171 N·s/m, when the 

damper was overdamped. 

The disk motor and inverter had significant interference on 

the eddy current sensor, so the amplitude-frequency response 

was measured when the rotating speed was falling down as the 

motor was being turned off. Because there was no upper sup-

port, the flywheel dynamic system had only one critical speed, 

corresponding to the mode of the lower damper. Because the 

section diameter of the pivot is about 1.5 mm, it is difficult to 

carry out the dynamic balance of the flywheel. For the flat-

shaped flywheel, most of the residual unbalance was at the 

flywheel rotor top. It was propounded that the residual unbal-

ance can be calculated by Eqs. (5) and (8) using three different 

sets of dynamic parameters of the lower damper. 

Three measurements were carried out when the absolute 

ethyl alcohol was used as the damping medium in the first 

spin test. Because of the violent vibration of the damping body, 

the maximum rotating speed was only 125 rps. The ampli-

tude-frequency response was measured and recorded as shown 

in Fig. 11(a). 

The critical speed measured was 70 rps; the corresponding 

theoretical result is 69 rps. When the residual unbalance is 0.1 

g·cm∠ 0°, the theoretical amplitude of synchronous vibration 

is slightly smaller than the measured one. 

Absolute ethyl alcohol mixed with a little vacuum oil as the 

damping medium was used in the second spin test. The maxi-

 

(a) 

 

 

(b) 

 

 

(c) 
 

Fig. 11. Synchronous vibration of the lower damper.  
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mum rotating speed was still 125 rps. The amplitude-

frequency response was measured and recorded as shown in 

Fig. 11(b). The critical speed measured was 68 rps; the corre-

sponding theoretical result is 65 rps. When the residual unbal-

ance is 0.1 g·cm∠ 0°, the theoretical amplitude is slightly 

smaller than the measured one except when the flywheel 

passes the critical speed. Based on the tests above, the com-

parison between the calculated unbalance response and the 

experimental response indicates that the dynamic model is 

proper. 

The rising damping coefficient of the lower damper en-

hances the stability of the flywheel system at high speed and 

suppresses the amplitude of vibration when the flywheel rotor 

passes the critical speeds, which is helpful for the reliable and 

durable operation of jewel bearing. The damping medium in 

the third spin test is vacuum oil, so the damper is overdamped. 

Then dynamic parameters are difficult to obtain by excitation. 

It is propounded that the equivalent mass 
1m  is 0.021 kg 

which is smaller than the real value. The equivalent damping 

coefficient is taken as 7.0171 N·s/m, which is the critical 

damping, so that the actual value of damping coefficient 

which is over damping is greater than 7.0171 N·s/m. The 

equivalent stiffness 
1k  is 586.18 N/m, which is determined 

by three springs. Based on the assumptions above, the theo-

retical value of the critical speed should be more than the 

measured one, and the theoretical amplitude of synchronous 

vibration of the lower damper should be also more than the 

measured one. 

The vibration amplitude was much smaller than results of 

the previous two tests in the third spin test; the flywheel ran up 

to 830 rps steadily. Considering the limitation of the material 

strength used to manufacture the flywheel rotor, the higher 

speed spin test wasn’t carried out. The amplitude-frequency 

response was measured and recorded as shown in Fig. 11(c). 

The critical speed measured was 56 rps, which is smaller than 

the theoretical result is 62 rps in the third spin test, because the 

equivalent mass of the overdamped damper is greater than 

0.021 kg. The smaller mass used in the numerical simulation 

makes the higher theoretical result. The equivalent damping 

coefficient, which is corresponding to over damping, is larger 

than one, which is corresponding to critical damping. There-

fore, the measured amplitude of synchronous vibration is 

smaller than the theoretical one, which is in agreement with 

Fig. 11(c). According to the measured amplitude of synchro-

nous vibration, the equivalent damping coefficient 14 N·s/m 

can be conjectured from combining with numerical result.  

In the process of speed reduction, the energy loss consists 

of the friction of flywheel and rare gas, the friction of the piv-

ot-jewel bearing, and energy consumed by the lower damper. 

Assuming that kinetic energy of the flywheel is only con-

sumed by the pivot-jewel bearing, the maximum average fric-

tion power was 1.2W.  

The friction heat of the lubricating oil is conducted to the 

cooling system of the disk type motor through the housing of 

the damper. However, the conventional high speed bearings 

usually require oil fog lubrication or oil jet lubrication, which 

has low efficiency and high cost. A number of spin tests were 

carried out when the damper was overdamped; the flywheel 

could run up to 830 rps steadily. 

 

5. Conclusions 

(1) The pivot-jewel bearing with small stiffness spring and 

squeeze film damper were used as the lower support of the 

flywheel spin test system. The auxiliary support at the top was 

not removed until the flywheel rotor passed the first critical 

speed, and the flywheel strength was tested at the high speed 

without the upper support. The super-critical rotor dynamics 

flywheel-bearing-damper system is simple, stable and efficient 

in structure.  

(2) By means of the Lagrangian equation, a linear dynamics 

system with three-degrees of complex freedom was built to 

describe the free and forced vibrations of the flywheel rotor-

bearing-damper system. The numerical simulation indicates 

that the dynamics of the flywheel system without the upper 

support is stable. The flexible pivot greatly reduces the critical 

speeds of the system and makes it easy for the flywheel to 

pass the two critical speeds that correspond to the zones of 

cylindrical mode and conical mode, respectively. The small 

stiffness of the support takes full advantage of the effect of 

self-centering of the high speed rotor. The exchange of mode 

shapes that occur in a narrow frequency range is a new kind of 

dynamic characteristic produced by flexible damping support. 

The rising damping coefficient of the lower damper not only 

enhances the stability of the flywheel system at high speed, 

but also helps the flywheel rotor pass the critical speeds stably 

and easily.  

(3) The comparison between the calculated unbalance re-

sponse and the experimental response indicates that the dy-

namic model is appropriate. When vacuum oil was used as the 

damping medium, the damper was overdamped. So the fly-

wheel ran up to 50,000 r/min steadily. The equivalent damp-

ing coefficient 14 N·s/m and the real residual unbalance 0.1 

g·cm were estimated from combining experimental measure-

ment with numerical result. 

(4) Other tests indicated that the spin test system was suit-

able for the flywheel with mass between 0.5-2.0 kg. For larger 

flywheel test samples, the parameters of the flexible damping 

support (including pivot, spring and jewel bearing) can be 

designed through the theoretical model and analysis method 

discussed in this paper. 
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Nomenclature------------------------------------------------------------------------ 

m1     : Mass of the spring squeeze film damper    
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M     : Mass of the flywheel rotor    

Jp      : Polar moment inertia of the flywheel rotor    

Jd     : Diameter moment inertia of the flywheel rotor    

l     : Length of the flywheel rotor    

l1     : Length between mass center and its upper end    

l2     : Length between mass center and its lower end    

ls     : Length of the pivot    

k1     : Stiffness of the spring squeeze film damper    

k2     : Stiffness of the pivot    

k3     : Stiffness of the auxiliary support    

c1     : Damping coefficient of the squeeze film damper    

c3     : Damping coefficient of the auxiliary support    

x1,y1   : Vibration of the spring squeeze film damper    

x2,y2   : Vibration of the flywheel rotor bottom    

x3,y3   : Vibration of the flywheel rotor top    

xc,yc   : Mass centric coordinates    

r1     : Vibration of the spring squeeze film damper    

r2     : Vibration of the flywheel rotor bottom    

r3     : Vibration of the flywheel rotor top    
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